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End-wall boundary layers and induced blockages are important factors for multistage axial compressors’

performance. This paper investigates hub and shroud end-wall boundary layers, and the corresponding blockages of

a five-stage axial compressor under different conditions. The results show that the hub displacement thickness

increases from the front to rear stage, whereas the shroud displacement thickness remains almost the same. At the

design point, the blockage increases from 2.4% for the front stage to 14.7% for the rear stage, which is dominated by

the hub displacement thickness. Under different operating conditions of 100% speed, the blockage is almost the same

for the front stage, but increases significantly for the rear stage from 6.0% at near choke to 22.2% at near surge.

At peak-efficiency points of different rotational speeds, the blockage remains almost the same. The steady and

unsteady results show almost the same trends of displacement thickness and blockage. Compared to unsteady

simulations, the time consumption of steady simulations is only one-sixtieth, which can save large amounts of

computational resources. Based on the results, the trends of displacement thicknesses and blockages are almost the

same in awide range of operating conditions,which indicates that the flow control in the end-wall region for the design

condition would be still effective.

Nomenclature

Aeff = effective area
Aphy = physical area
B = blockage
cv = specific heat
E = strain rate tensor
e = internal energy
Fx = axial component of blade force
H = shape parameter
I = unit tensor
_m = mass flow
Pr = Prandtl number
p = static pressure
R = radius
Rg = gas constant
T = static temperature
u = velocity
uE = axial velocity at the edge of the boundary layer
ux = axial velocity in the boundary layer
Y+ = nondimensional distance from the wall
γ = isentropic coefficient
δ = boundary-layer thickness
δ� = boundary-layer displacement thickness
δFx = deficit thickness for the axial force
θ = boundary-layer momentum thicknesses
κ = thermal conductivity
μ = viscosity
π = pressure ratio
ρ = density
ρE = density in the edge of the boundary layer
ρx = density in the boundary layer
σ = viscous stress tensor
τ = tip clearance

Subscripts

h = hub
s = shroud
1 = inlet of a blade row
2 = outlet of a blade row

I. Introduction

T HE end-wall region is an important region for compressors,
including corner flow and tip-leakage flow, which ultimately

influence the end-wall boundary layer (EWBL). The end-wall region
has a major effect on overall performance, giving most of the losses,
determiningmost of the blockage, and being involved in the initiation
of stall [1]. Much research has been conducted to understand the
flow in end-wall regions and its influence on the performance of
compressors.
Early research was aimed at modeling and obtaining some

empirical correlations to calculate the end-wall region. The original
method to treat the EWBL is the traditional boundary-layer theory.
Stratford [2] proposed a simple model to analyze the EWBL, and
found that it was greatly influenced by axial blade force and axial-
force deficit thickness. Despite the simplicity of the model, it shows
features of the EWBL with a quantitative method. Mellor and Wood
[3] developed a new theory that introduced new concepts, such as
axial and tangential defect force thickness, and a rotor exit–stator
inlet “jump condition,” and also retained the classical parameters,
such as momentum boundary-layer thickness and wall shear stress.
Hirsch [4] reformulated the equation proposed by Mellor and
Wood in streamline coordinates, which incorporated the shape
parameter variation and the Reynolds-number effects, as well as the
introduction of thewall skewing angle. DeRuyck et al. [5] introduced
the transverse momentum thickness and the variation of force deficit
due to tip clearance. The predicted results using the two parameters
agree with experimental results. Then, De Ruyck and Hirsch [6]
improved this method through the introduction of compressibility
effects, an extra secondary-flow loss coefficient in the defect force
assumption and profile model equations without inherent limitations
and allowing jumps on the end wall. These previous models helped
researchers understand the flow mechanisms in end-wall regions
more clearly.
Losses in the end-wall region, which typically include EWBL

loss and tip-leakage loss, are of great influence on compressor
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performance. Denton [7] classified the losses in turbomachines into
profile loss, end-wall loss, and tip-leakage loss, and the relative
magnitudes of the aforementioned three categories are comparable
in many turbomachines, each accounting for approximately one-
third of the total loss. Koch and Smith [8] related the loss of
efficiency due to the presence of end-wall effects to two parameters
of an EWBL [i.e., the averaged displacement thickness (DT)
and the tangential force thickness]. Denton and Pullan [9]
investigated the sources of end-wall loss in axial-flow turbines, and
found that the end-wall flow in the rotor is completely different
from that in the stator. After identifying the loss sources in the
end-wall region, some modifications for the compressor have been
performed to decrease the end-wall losses. Weingold et al. [10]
reduced the end-wall loss by the application of bowed stators, and
substantially improved efficiency over the entire flow range. Herve
et al. [11] studied end-wall losses and secondary flow in end-wall
regions, and set the theoretical maximal potential for improvement
techniques, such as end-wall contouring or the modification of the
upstream stator. Tallman and Lakshminarayana [12,13] inves-
tigated the tip-leakage loss, and found that both the reduced tip
clearance and the shroud relative motion resulted in less mass flow
through the gap, a smaller leakage vortex, and less aerothermal
losses.
Except for the high loss in the end-wall region, the blockage,which

ismainly due to theEWBL, has great impact on pressure rise and flow
range, as well as matching of multistage axial compressors. Hunter
and Cumpsty [14] conducted a detailed experiment on a compressor
rotor. The downstream blockage was found to increase as the rotor
loading was increased, which showed that tip clearance had a
deleterious effect on the performance of the compressor. Khalid et al.
[15] presented a developed method that allows predictions of
end-wall blockage associated with variations in tip clearance, blade
stagger angle, inlet boundary-layer thickness, loading level, loading
profile, solidity, and clearance jet total pressure. Their results also
indicated that the loss in total pressure in the end-wall region resulted
from the interaction of the leakage and passage flows. Suder [16]
undertook a detailed experimental investigation to understand and
quantify the development of blockage in the flowfield of a transonic,
axial-flow compressor rotor (NASA Rotor 37), and discussed the
impact of the shock on the blockage development, pertaining to both
the shock/boundary-layer interactions and the shock/tip-leakage-
flow interactions. Cumpsty [17] tested a small four-stage compressor,
and suggested that it is tip clearance that ismost potent in determining
boundary-layer integral thicknesses and blockage. Gümmer et al.
[18] presented results of numerical investigations performed to
explore the benefit of EWBL removal from critical regions of highly
loaded axial compressor blade rows. This resulted in a reduction of
the local reverse flow, blockage, and losses in the respective near-
shroud region. McDougall et al. [19] showed that the blockage
caused by the EWBL is a crucial quantity at stall inception in axial
compressors. Domercq and Escuret [20] investigated the effect of tip
clearance and blockage on the matching of multistage axial
compressors, as well as on the performance and stability.
It is very important to understand the EWBLs and the

corresponding blockages of multistage axial compressors, especially
the relationship between design and off-design operating conditions.
This paper will analyze hub and shroud EWBLs, and the
corresponding blockages in a five-stage axial compressor under

different operating conditions, as well as different rotational speeds
by steady three-dimensional computational fluid dynamics (CFD).
To validate the results by steady simulation, an unsteady simulation
was also conducted at design speed.

II. Numerical Method

The investigated compressor is a five-stage axial compressor with
one inlet guidevane, five unshrouded rotors (R), and five cantilevered
stators (S). This compressor is a commercial, high-performance
multistage axial compressor. A schematic diagram of the investigated
five-stage compressor is shown in Fig. 1. The clearances in rotor tip
and stator hub are 0.25 mm, which are thought to be dynamic
clearances, although the static values are different for different
blades. In the following research, the tip clearanceswill be constant in
each blade for the whole simulations. The tip clearances are
approximately 0.5 ∼ 1.5% blade span from first stage to the last
stage. Some key features of the compressor at design point are shown
in Table 1.
The full three-dimensional steady and unsteady simulations are

performed. The fluid is considered as ideal air. The control equations
of the compressible fluid are shown as follows:

∂ρ
∂t

� ∇ · �ρu� � 0 (1)

∂
∂t
�ρu� � ∇ · �ρuu� � −∇p� ∇ · σ (2)

∂
∂t

�
ρ

�
e� 1

2
u2
��

� ∇ ·

�
ρ

�
e� 1

2
u2
�
u

�

� −∇ · �pu� � ∇ · �σ · u� � ∇ · �κ∇T� (3)

in which ρ is density, u is velocity, p is static pressure, σ is viscous
stress tensor, e is internal energy, κ is thermal conductivity, and T is
static temperature. To make the equation closed, some other
equations should be added:

σ � −
2

3
μ�∇ · u�I � 2μE; E � 1

2
�∇u� �∇u�T � (4)

p � ρRgT; e � cvT (5)

μ � constant; κ � constant; cv � constant; γ � constant (6)

in which μ is the viscosity, I is the unit tensor, E is the strain rate
tensor, Rg is the gas constant, cv is the specific heat, and γ is the
isentropic coefficient.
The structured meshes are created with H-type grids in the passage

andO-typegrids around the blade,which is shown in Fig. 2. There are
30 radial grid points in clearance to adequately capture the tip-
leakage flow. In this research, the shear-stress-transport turbulent
model is used to do all the simulations, which can give better

Fig. 1 Schematic diagram of the investigated five-stage compressor.
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predictions in adverse-pressure-gradient flows [21]. The first element
distance near the wall is set to be 0.001 mm (approximately
0.002 ∼ 0.005% blade span) to ensure the nondimensional distance
from the wall (Y�) to be within 5.0. In the tip region, the Y� is
ensured to be less than 2.0. The inlet boundary conditions are set to be
total temperature (288.15 K), total pressure (101,325 Pa), and the
velocity direction (normal to the inlet). The outlet boundary condition
is set as the static pressure. The solid walls are no slip and
impermeable. The interface between rotor and stator is modeled as a

mixing plane. The convergence criterion is set to be the root mean
square less than 1.0 × 10−6. The performance of the compressor can
be obtained by increasing the outlet static pressure until the solution
cannot converge.
Mesh independence was conducted with different mesh sizes.

Different mesh sizes from 1 million elements to 9 million elements
were used to calculate the performance maps, which are shown in
Fig. 3. The mass flow and pressure ratio in Fig. 3 are normalized by
the choked mass flow and peak pressure ratio of 7-million-element
mesh, respectively. It can be observed that, as themesh size increases,
the choked mass flow, peak pressure ratio, and peak efficiency (PE)
also increase. After the mesh size reaches 7 million elements, the
performance remains almost the same within an error approximately
0.05%. Considering both computational capability and accuracy, the
mesh size is selected to be 7 million elements.
To further validate the numerical method and the reliability of the

mixing-plane method in steady simulation, an experiment was
implemented with the investigated compressor. A schematic of the
test facility is shown in Fig. 4. The compressor is driven by amotor to
change the rotational speed. Followed with is the plenum to stabilize
the pressure. By regulating the throttle at the outlet of the plenum, the
performance of the investigated compressor can be obtained. The
mass flow rate is measured by the flowmeter after the throttle. Total
and static pressure, temperature at the inlet and outlet of the
compressor, mass flow rate, rotational speed, ambient pressure, and
ambient temperature were measured during the experiment. The
pressure was measured by diaphragm pressure sensors with an error
of less than 	0.35 kPa. The temperature was measured by a
thermocouple with an error of less than	0.25 K. The mass flow rate
was measured by a vortex flowmeter with a relative error within
	0.5%. The rotational speed was measured by an electromagnetic
transducer with an error within 	0.25%. The results at the design
speed are shown in Fig. 5, in which the results are corrected by the
standard condition (101,325 Pa and 288.15K,which is the same inlet
condition as the numerical method) and normalized by the choked
mass flow and peak pressure ratio of the experimental results. The
differences between experimental and numerical results are
approximately 0.1% in choked mass flow, 1.4% in peak pressure
ratio, and 1.1% in PE. The differences can bemainly attributed to two
reasons. First, the real clearances in the experiment may be different
from 0.25 mm in CFD simulations. Second, there is heat transferred
to the shroud in the experiment, whereas it is assumed adiabatic in the
numerical results. Despite the differences, the numerical method was
validated from the agreement of experimental and numerical results.
The radial distribution of flow parameters of Rotor 37 was

calculated by the established numericalmethod, as shown in Fig. 6, in
which the experimental and numerical results from NASA [22] are
also shown for comparison. It can be observed that the calculated
results by this paper agreewell with both experimental and numerical

Table 1 Some key features of the

investigated compressor at design point

Parameter Value

Flow coefficient 0.55
Rotational speed 42,912 rpm
Average stage reaction 0.70
Overall pressure ratio 5.51
Stage 1 total pressure ratio 1.67
Stage 2 total pressure ratio 1.45
Stage 3 total pressure ratio 1.41
Stage 4 total pressure ratio 1.33
Stage 5 total pressure ratio 1.21
R1 inlet tip Mach number 1.50
R1 specific speed 4.98
R1 hub/tip radius ratio 0.48
R1 tip solidity 1.64

Fig. 2 Schematic of the grids.

a) Pressure ratio b) Efficiency 
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results by NASA. This means the established numerical method can
give accurate predictions in the end-wall regions. As a result, the
numerical method is further validated.

III. Definitions of the EWBL and Blockage

To conveniently analyze the EWBL, many methods have been
proposed to define the edge of the EWBL. Hunter and Cumpsty [14]
suggested that the most convenient definition appears to be where
the axial velocity either reaches a peak or reaches the uniformvalue of
the mainstream. The latter interpretation is the method that will be

employed by this paper. A typical axial-velocity profile along the

span is shown in Fig. 7. Points a and b divide the whole passage into

three regions: hub EWBL, mainstream, and shroud EWBL.

In multistage axial compressors, the EWBL, which grows along

each surface of the annulus wall, causes a general change in the

incidence of the blade, which has a great influence on its

performance. The flowwithin the boundary layer experiences a direct

change of velocity and, hence, of incidence, whereas outside the

boundary layer, the velocity and incidence change because of the

blockage caused by the DT. The DT or blockage thickness is a

measure of the amount that the mass flow is reduced by the presence

Fig. 4 Schematic of the compressor test facility.

a) Pressure ratio b) Efficiency
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Fig. 5 Comparison between experimental and numerical results of the investigated compressor at design speed.
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of the EWBL from what it would be if the mainstream flow profiles

were extended to the wall. A schematic for the DT is shown in Fig. 8,

in which δ is the thickness of the boundary layer, δ� is the DT, ux is
the velocity in the boundary layer, anduE is the velocity in the edge of
the boundary layer. Then, the DT can be expressed as follows:

δ� �
Z

δ

0

�
1 −

ρxux
ρEuE

�
dy (7)

in which ρx is the density in the boundary layer, and ρE is the density

in the edge of the boundary layer.
The blockage due to the EWBL is another important parameter and

is defined to show the effective area formass flow. Figure 9 shows the

interpretation of the blockage, and it can be calculated as

B � 1 −
Aeff

Aphy

� 1 −
�Rs − δ�s �2 − �Rh � δ�h�2

R2
s − R2

h

(8)

in which B is the blockage, Aeff is the effective area, Aphy is the

physical area, Rh and Rs are the radii of the hub and shroud, and δ�h
and δ�s are the DTs of the hub and shroud.With the calculated DT, the

blockage can be obtained by Eq. (8). The results and analyses based

on this method are shown next.

IV. Results and Analyses

A. Pressure Ratio and Efficiency

The performance maps of the investigated multistage axial
compressor by three-dimensional steady simulation at 95, 100, and
105% of the design speed (the speeds of most concern) are shown in
Fig. 10, inwhich themass flowandpressure ratio are normalizedby the
choked mass flow and peak pressure ratio of the design speed,
respectively. Points A, B, and C in Fig. 10 represent three typical
different operating conditions: near choke (NC), PE, and near surge
(NS), respectively, which are the operating points that will be analyzed
in the following sectionof thiswork.The design point is thePEpoint of
the design speed. There are also results by unsteady simulations shown
in Fig. 10. Three typical operating conditions at the design speed were
analyzed with unsteady simulations. The error bars of each operating
conditionmean the uncertainty limits of unsteady simulations, because
the converged results still have some periodic fluctuations.

B. EWBLs and Blockage

1. At the Design Speed

At the design speed, the DTs of the EWBL at different operating
conditions in different locations of the investigated compressors are
shown in Fig. 11, in which they are normalized by the tip clearance τ.
Considering the passage height of each location, the corresponding
blockages calculated with Eq. (8) are shown in Fig. 12.
Figure 11 shows that the hub DT increases from the front stage to

the rear stage, whereas the shroud DT keeps almost the same, but
increases through a rotor and decreases through a stator, which can be
observed clearly in the enlarged view of Fig. 11, as shown in Fig. 13.
This is consistent with Cumpsty [17], which showed a rise in the DT
across the rotor and a fall across the stator at the outer wall with the
opposite occurring at the hub. The tip-leakage flow of the rotor mixes
with the mainstream near-shroud end-wall region, and low-energy
fluid accumulates in this region due to the tip-leakage vortex. As
shown in Fig. 14, the tip-leakage vortex rolls up with the EWBL.
Therefore, the EWBL becomes thickened at the rotor exit. After it
flows into the stator, the mixing process continues, the fluid becomes
more uniform near the shroud end wall because of the radial and
circumferential redistribution of state flow variables such as pressure
and temperature [23], and the DT becomes smaller, as shown in
Fig. 15. However, in the hub region, the EWBL through a rotor
becomes thicker because of the adverse pressure gradient. As it flows
into the downstream stator, the hub leakage flow of the cantilevered
stator interacts strongly with the EWBL from upstream rotor, which
will thicken the hub EWBL, which can also be observed from Fig. 15
near the hub end-wall region. This is why the hub and shroud DTs
show different trends. Because of the variations of DTs and the
contraction of the passage from inlet to outlet, the corresponding
blockages increase significantly, as shown in Fig. 12. At the PE point,
the blockage increases from 2.4% for the front stage to 14.7% for the
rear stage.
Figures 11 and 12 also show that the variation trends of DTs and

blockages are similar with different operating conditions. However,
the hub DT and blockage at NS condition are larger than that at NC
condition, especially for the rear stage. FromNC toNS condition, the
blockage is almost the same for the front stage, whereas it increases
significantly for the rear stage from 6.0% at NC condition to 22.2% at
NS condition. The increase mainly comes from the increase of hub
DT. A model proposed by Stratford [2] can be used to explain the
aforementioned phenomena. To develop the model, the control
volume around the end-wall region of a blade is given by Stratford, as
shown in Fig. 16, in which ux1 and ux2 indicate the boundary-layer
axial velocity at the inlet and outlet of the blade, and δ1 and δ2 are
thicknesses of the EWBLs. Assuming that the axial velocities of the
mainstream at inlet and outlet are the same, the momentum equation
of the control volume can be simplified to

FxδFx � ρEu
2
E�θ2 − θ1� (9)

inwhichFx is the axial component of the blade force at the edge of the
EWBL, δFx denotes the deficit thickness for the axial force, ρE anduE
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0.8
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S
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Normalized axial velocity

Mainstream

Shroud EWBL

Hub EWBL

b

Fig. 7 Definition of EWBL based on axial-velocity profile along

the span.

Fig. 8 Interpretation of DT.

Fig. 9 Interpretation of blockage of a passage.
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are the density and axial velocity at the edge of the EWBL, and θ1 and
θ2 are the momentum thicknesses of the EWBL. Consider the shape
parameter, which describes the relation between θ and DT δ�, which
is always a value from 1 to approximately 2 in turbomachines [1]

H � δ�

θ
(10)

Horlock and Pekins [24] took δFx to be the product of an empirical

constant K and tip clearance τ. Then, Eq. (9) can be transformed as

Δδ� � δ�2 − δ�1 � FxHδFx
ρEu

2
E

∼
FxHKτ

ρEu
2
E

(11)

Here, δ�1 and δ�2 are DTs at inlet and outlet. If Fx is somewhat

proportional to the pressure rise Δp, then we get

s
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Fig. 14 Tip-leakage vortex of R1 at the design point.
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Fig. 13 Shroud DTs of different operating conditions at design speed.
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Δδ� � δ�2 − δ�1 � Δp
ρEu

2
E

HδFx ∼
Δp
ρEu

2
E

HKτ (12)

Here,K andH vary little with different operating conditions, and τ
remains constant. As it reaches theNS condition, the pressure riseΔp
increases and the axial velocity uE decreases, which leads to the

increase of DT and blockage. Khalid et al. [15] and Suder [16]

showed that, at NS condition, the tip-leakage flow increases due to

the increase of blade loading, which also gives rise to the increase of

the DT and blockage.
From Figs. 11 and 12, the differences of DTs and blockages

between the NS and NC conditions at the rear stage are larger than

those at the front stage. The reason of which is that the operating

point varies little for the front stage, but greatly for the rear stage

when the operating condition changes. Figure 17 shows the change

of operating points, M and N, with different stages in typical

multistage axial compressors, which indicates that, as it moves

further downstream, the operating range becomes much larger. It is

the amplified effect of matching that leads to larger variation of

DT and blockage for the rear stage when operating conditions

change [20].
Based on the analyses at the design speed, the hub region is of great

importance, especially for rear stages, in which end-wall treatments

(such as end bend, end bow, etc.) should be well considered while

designingmultistage axial compressors. The end-wall treatments can

alleviate the blockage and improve the compressors’ performance by

changing the blade loadings and secondary flows.

2. At Off-Design Speed

Furthermore, 95 and 105% of the design speed have also been

simulated and analyzed. Figure 18 shows the DTs evolution at PE

points of different rotational speeds. The overall trends agree well

with different rotational speeds in spite of some small changes. The

hub DTs keep almost the samewith three different rotational speeds;Fig. 16 Control volume around the end-wall region of a blade [2].

Fig. 17 Schematic for the typical matching of multistage axial

compressors [20].
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Fig. 18 DTs in different locations at PE points of different rotational

speeds.

Fig. 15 Contour of axial velocity at the S5 inlet and S5 outlet.

-1 0 1 2 3 4 5 6 7 8 9 10 11 12
0%

4%

8%

12%

16%

20%

24%

B
lo

ck
ag

e

Location

 95% PE
 100% PE
 105% PE

Fig. 19 Blockages in different locations at PE points of different

rotational speeds.
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however, the shroud DTs change slightly only for front stages. The
corresponding blockages are shown in Fig. 19, which shows that the
blockages at different rotational speeds remain almost the same,
except for the small discrepancies in front stages. From Eq. (12), the
parameter ΔP∕ρEu2E does not change much as the rotational speed
increases, as shown in Fig. 20, because ΔP and ρEu

2
E are both

proportional to the square of the rotational speed. The shroud DTs
increase slightly in the front stages when the rotational speed
increases mainly because of the higher blade loading and higher
Mach number, which leads tomore tip-leakage flow. This also results
in a stronger interaction between the tip-leakage flow and the passage
shock [16]. The higherMach number plays a key role in the blockage
increase of the front stages. However, for the rear stages of the
compressor, the Mach number and the tip-leakage flow have a
smaller increase. As a result, the shroud DTs and the blockages of
the rear stages have insignificant variations. The blockages remain
the same with different rotational speeds, which indicates that the
correction factor of the blockage at the design speed is also available
for a range of off-design speeds.

C. Comparison Between Steady and Unsteady Simulations

To validate the results obtained by steady simulations, unsteady
simulations have also been performed to compare the results. The
most obvious difference between steady and unsteady simulations is
the type of interface between the rotor and the stator. For steady
simulations, the interface ismodeled as amixing plane. This interface
circumferentially averages the fluxes and transmits the average fluxes
to the downstream component. For unsteady simulations, the
interface is set as a “transient rotor–stator” interface, which accounts
for transient-interaction effects at a frame change interface and
predicts true transient interaction of the flow between a stator and
rotor passage.
At design point B2, as shown in Fig. 10, the results from steady and

unsteady simulations are analyzed. Figure 21 shows the axial-
velocity profile of R1 and S1 by steady and unsteady simulations,

respectively. Figure 22 shows the comparisons of DTs and blockages
between steady and unsteady simulations. From Figs. 21 and 22, it
can be observed that the results by steady and unsteady simulations
are in good agreement. The results are almost the same for the front
stages; as it moves further downstream, the differences become larger
due to the different rotor–stator interface. The average difference of
the blockage is approximately 0.8%. This means the steady
simulation is sufficient for analyzing the EWBLs in multistage axial
compressors, although the mixing-plane method is adopted by the
rotor–stator interface. If this error is acceptable for designers, then a
time saving approximately one-sixtieth can be achieved through the
use of a steady simulation in place of an unsteady simulation.
Figure 22 also shows that the DTs and blockages of unsteady

simulations are smaller than those of steady simulations, which
indicates smaller loss and higher efficiency, as shown in Fig. 10. In a
steady simulation, a forced mixing process can be thought to happen
here due to the circumferentially averaging process downstream of
the rotor–stator interface, which introduces additional entropy
generation compared to that in an unsteady simulation, and results in
lower efficiency.

a) R1 outlet b) S1 inlet c) 50% chord of S1 d) S1 outlet 
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Fig. 21 Circumferential mass-flow-averaged axial-velocity profiles of R1 and S1 by steady and unsteady simulations.
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Fig. 22 Comparisons of DTs and blockages between steady and

unsteady simulations.
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V. Conclusions

EWBLs and the blockages primarily induced by them are of great
influence on the performance of multistage axial compressors,
including losses, stability, and matching, especially in multistage axial
compressors. The hub and shroud EWBLs and blockages of a five-
stage axial compressor were studied by three-dimensional simulations.
The edges of the EWBLs are defined by the axial-velocity profile
along the span. Based on this definition, the DT and corresponding
blockage were calculated. Different operating conditions (NC, PE, and
NS) with different rotational speeds (95, 100, and 105% of the design
speed) were analyzed. The conclusions could be drawn as follows.
At the design point (PEpoint of 100%speed), the hubDTincreases

from the front stage to the rear stage because of the adverse pressure
gradient. However, the shroud DT remains almost the same. As a
result, the blockage increases from 2.4% for the front stage to 14.7%
for the rear stage, mainly due to the increase of hub DT. The end-wall
effect is very important, especially for the rear stages, in which end-
wall treatments (such as end bend, end bow, etc.) can be adopted to
alleviate the blockage and improve the compressors’ performance.
At different operating conditions of 100% speed, the variation

trends of DTs and blockages from the front stage to the rear stage are
similar. As it reaches NS condition, the parameterΔP∕ρEu2E increases
significantly and results in the increase of blockage compared to other
operating conditions, especially for the rear stage. The blockage is
almost the same for the front stage, whereas it increases significantly
for the rear stage, from 6.0% at NC condition to 22.2% at NS condi-
tion. The increase mainly comes from the increase of hub DT. The
operating point varies less for the front stage, but larger for the rear
stage because of the matching effect of multistage axial compressors.
At PE points of different rotational speeds (95 and 105% of

the design speeds), the blockage of each stage remains almost the same
despite small differences in the front stage. This is because
the parameterΔP∕ρEu2E does not changemuch as the rotational speed
varies. This means that the correction factor of the blockage at the
design speed is also effective for a wide range of off-design speeds.
To validate the results by steady simulations with themixing-plane

method, unsteady simulations were also conducted at the design
speed. The steady and unsteady results show almost the same trend of
DTs and blockages with an error within 0.8%, on average. This
implies that a steady simulation is sufficient for analyzing the EWBL
development and blockage of multistage axial compressors. If this
error is acceptable for designers, then a time saving of approximately
one-sixtieth can be achieved through the use of a steady simulation in
place of an unsteady simulation.
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